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Abstract: In this paper a vehicle dynamics control system is designed to compensate the change in
vehicle handling dynamics of lightweight vehicles due to variation in loading conditions and the
effectiveness of the proposed design is verified by simulations and an experimental study using a
fixed-base driving simulator. Considering the electrification of future mobility, the target vehicle of
this research is a lightweight vehicle equipped with in-wheel motors that can generate an additional
direct yaw moment by transverse distribution of traction forces to control vehicle yawing as well as
side slip motions. Previously, the change in vehicle handling dynamics for various loading conditions
have been analyzed by using a linear two-wheel vehicle model in planar motion and a control
law of the DYC system based on feed-forward of front steering angular velocity and feedback of
vehicle yaw rate. The feed-forward controller is derived based on the model following control with
approximation of the vehicle dynamics to 1st-order transfer function. To make the determination
of the yaw rate feedback gain model-based and adaptable to various vehicle velocity conditions,
this paper selects a method where the yaw rate feedback gain in the DYC system is determined in
a way that the steady-state yaw rate gain of the controlled loaded vehicle matches the gain of the
unloaded vehicle. The DYC system is simulated in a single lane change maneuver to confirm the
improved responsiveness of the vehicle while simulations of a double-lane change maneuver with
a driver steering model confirms the effectiveness of the DYC system to support tracking control.
Finally, the effectiveness of the proposed DYC system is also verified in an experimental study with
ten human drivers using a fix-based driving simulator.
Keywords: vehicle dynamics control; lightweight design; direct yaw moment control (DYC)
1. Introduction
Electrification can reduce the energy consumption and increase the energy efficiency of future
mobility. For road vehicles in general the energy consumption is reduced by purpose design, i.e.,
designing vehicles for their intended use and also by reducing losses such as aerodynamic drag.
In particular, for urban mobility with moderate maximum speeds but frequent acceleration and braking,
purpose design leads to the development of lightweight vehicles [1] equipped with regenerative
braking system integrated with electronic stability control for energy recuperation [2] and possibly
also Low Rolling Resistance (LRR) tires [3].
Even before the trend towards electromobility emerged it is generally accepted that significantly
improved overall vehicle efficiency can only be obtained by reducing the vehicle curb weight
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itself [4]. However, lightweight vehicle designs are then facing challenges for everyday loading
conditions because the driving dynamic changes significantly with large load-to-curb weight ratios [1].
Furthermore, this effect grows progressively with the reduction of the vehicle curb weight. A large
load-to-curb weight ratio not only gives a significant change of the total mass but it also leads to
significant changes of other important vehicle parameters [1]. Therefore, passive driving dynamics
change significantly with the loading condition affecting the handling dynamics. Inevitably, this
increase in load sensitivity can lead not only to changing but also a large variation in the handling
dynamics which can be perceived as uncomfortable and even unsafe by the human driver [5].
Purpose design of electric vehicles for urban driving combines the advantages and peculiarities
of electromobility with the use case defined by urban driving. Studies of everyday loading scenarios
found that for at least one out of four trips there are at least two passengers in the vehicle [1]. Additional
loading in the trunk can increase the load-to-curb weight ratio up to 40% [1]. This means that the urban
use case requires high load-to-curb weight ratios for the lightweight vehicle. It also means that there is
a large variation in the loading condition between individual trips, which leads to the conclusion that
the lightweight vehicle cannot be designed for the average load case. The loading of the lightweight
vehicle for the urban use case deteriorates not only the handling balance but also the transient response
of the vehicle [6]. Of course, it is possible to use a robust chassis design approach but it comes at a cost
of compromising other driving performance properties. Altogether, this provides an opportunity for
new vehicle dynamics control strategies to deal with the load-sensitivity problem not only to maintain
the handling balance, but also to reduce the sensitivity of the transient response [7].
The possibilities and advantages of generating an additional yaw moment by differential
longitudinal forces, i.e., Direct Yaw Moment Control (DYC), on handling dynamics have been studied
for a long time [8–10]. DYC is also called Torque Vectoring (TV) when the additional yaw moment is
generated by controlling the torque distribution between left and right wheel of a driven axle. Electric
vehicle powertrains based on individually controlled motors can improve the dynamic properties of
the vehicle by more freely distributing the wheel torques [11]. In this regard, using in-wheel motors
(IWM) provides not only a roomy interior, but also provides new dynamics control opportunities [12].
Katsuyama [13] utilized the large vertical reaction force of the IWM and the distribution of driving
forces to independently control the body roll and pitch motion. Several other control objectives for
DYC have been studied and experimentally verified in the research literature using model-based
control approaches. Shino et al. [14] designed a DYC system with the control objective to suppress side
slip angle for improving handling and stability of a small-scale electric vehicle. Fujimoto et al. [15]
proposed a novel direct yaw moment control system with cascaded traction and yaw stability control.
The experimental results show that the proposed control system can adapt to the road condition and
attenuate the yaw rate error. Suzuki et al. [11] developed a feed-forward type of tire force distribution
control together with motion control of a full drive-by-wire electric vehicle to improve vehicle stability
and reduce the tire energy dissipation caused by tire slip. More recently, Pruckner [4] and Kaspar [16]
studied the potential of electric single wheel drive to compensate for rear wheel drive with high rear
axle load, and they also developed a prototype vehicle with a TV control concept with the main aim
to show the potential of single wheel drive in general, but demonstrated that it is indeed possible to
reshape the vehicle handling both in terms of steady-state understeering characteristics and transient
response using TV control [17,18]. In a related study by Kaspar et al. [19], the simulation results
show the robustness of the same control concept. Lightweight vehicles and large variation in loading
condition were not considered in earlier research [4,16–19], but the results illustrate the potential of
using DYC for this application. Kohlhuber [1,20] developed a TV feed-forward control system with an
online model parameter identification approach to reduce the load sensitivity of a lightweight vehicle
in terms of the overall vehicle dynamics.
Model-based control normally relies on nominal values for the internal model parameters.
As stated above, for vehicle-dynamic control of lightweight vehicles the actual vehicle and tire
parameters differ on a wide range between individual trips. Therefore, the nominal values should
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be updated for each trip to be valid. Kohlhuber [1] determined valid vehicle and tire parameters for
each trip using a driving synchronous estimation method and verified the performance in multibody
dynamics simulations. The developed estimation algorithm is able to estimate vehicle and tire
parameters but requires minutes of journey time. The potential of using such an online model
identification approach together with TV control was also presented for trip optimal feed-forward
control, but neither the details regarding the TV control design nor results with the combined
control and estimation design were included in the publications by Kohlhuber [1,20]. Furthermore,
the performance of the closed-loop driver–vehicle system with TV control is not evaluated in earlier
research [4,16–20].
Based on the abovementioned overview, the DYC system proposed in this paper is based on
feed-forward of front steering angular velocity and a yaw rate feedback with the aim to reduce the
sensitivity of the vehicle handling dynamics to the loading condition. More specifically, supported by
the results of the previous study [7], the control objective of the proposed DYC system is not only the
overall vehicle dynamics [18,20], but instead the objective is more focused on the transient dynamics.
The feed-forward controller is derived based on model following control with approximation of the
vehicle dynamics to 1st-order transfer function. The target electric vehicle with in-wheel motors
generate the demanded yaw moment by transverse distribution of traction forces [11,14,21–24].
The current work is an extension of the previous study [7], with the aim to make the determination
of the yaw rate feedback gain model-based and adaptable to various vehicle velocity conditions and,
therefore, the yaw rate feedback gain in the DYC system is determined in a way that the steady-state
yaw rate gain of the controlled vehicle matches the one in the case of unloaded vehicle. The aim is
also to evaluate and verify the effectiveness of the proposed DYC system based on simulations and an
experimental study using a fix-based driving simulator with a human driver in the loop.
This paper is organized as follows. Section 2 shows the sensitivity of vehicle dynamics parameters
to the vehicle loading condition and then describes vehicle handling objectification and evaluation
based on these parameters. The results from this section indicate the need to improve the transient
and the dynamic handling performance. Section 3 describes the design of a direct yaw moment
control system and a longitudinal force distributor with the overall objective to compensate for the
influence of loading condition on the vehicle dynamics characteristics. In Section 4, a theoretical
analysis shows the effect of the DYC input on the frequency response of the lateral dynamics. Next,
in Section 5, the effectiveness of the DYC system on enhancing the vehicle handling dynamics is
shown using simulation results for both a single- and a double-lane change maneuver. A 1st-order
preview-prediction driver model is used to conduct the double-lane change maneuver. Then,
in Section 6, an experimental study using a fixed-base driving simulator is used to evaluate the
performance of the proposed DYC in a double-lane change maneuver. To evaluate the overall
performance of the closed-loop driver–vehicle system the same driver model as in the previous
section is used for driver parameter identification. Finally, Section 7 summarizes the paper and
draws conclusions based on the simulation and driving simulator results. Based on the evaluation
in the experimental study, it can be concluded that the driver model steering delay time constant
are increasing with DYC which can be interpreted in the way that the subject drivers can control the
vehicle to track the double-lane change in a more relaxed state.
2. Load Sensitivity Analysis
This section illustrates from a theoretical viewpoint how the loaded mass affects the vehicle
handling dynamics of a lightweight vehicle. For this purpose, the lateral and yaw dynamics of the
vehicle is obtained by linearizing the planar dynamics of a two-wheel vehicle model. In Section 2.3,
the handling quality of the vehicle is evaluated for various loading conditions using a performance
index that combines the responsiveness and controllability of the vehicle.
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2.1. Vehicle Dynamics Modeling
Consider the 3-DOF planar vehicle model depicted in Figure 1. Using the longitudinal velocity, u,
the lateral velocity, v, and the yaw rate, r, to describe the planar motion of the vehicle, the longitudinal,
lateral, and yaw dynamics of the vehicle can be stated as
m(
.
u− vr) = Fx1 + Fx2 + Fx3 + Fx4, (1)
m(
.
v+ ur) = Fy1 + Fy2 + Fy3 + Fy4, (2)
Iz
.
r = l f (Fy1 + Fy2)− lr(Fy3 + Fy4) + d2 (Fx2 + Fx4 − Fx1 − Fx3) (3)
where, m, indicates the vehicle mass, Iz, the yaw moment of inertia, d, the vehicle tread width, l f ,
the distance from front axle to CG, lr, the distance from rear axle to CG, while Fxi and Fyi indicate the
longitudinal and lateral tire force at each tire, respectively, and the index i refers to the number of each
tire (1 = front left, 2 = front right, 3 = rear left, 4 = rear right).
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Figure 1. 3-Degrees of Freedom (DOF) vehicle model in planar motion.
As uming lo levels f l t r l l r ti t l t r l f rce c aracteristics of the tires can be
described by a linear functi f tire si e sli a le. als ass ing that the influence of the tire
vertical load and the longit inal tire force are both s all, the lateral tire force [25] is shown in the
following equation.
Fyi =
(
1− 1
2
(
Fxi
µFzi
)2)
K f ,rαi (4)
where, Fzi and αi indicate the static vertical load and the tire side slip angle of each tire, respectively,
µ is the tire–road friction coefficient, and K f ,r is the tire cornering stiffness of the front (rear) tire.
Here, it is also assumed the tire cornering stiffness is dependent on the static vertical load on each tire
according to the following qu tion.
K f ,r = e f ,r(c0 − c1Fzi)Fzi (5)
where, e f ,r indicates the compliance steer coefficient of the front (rear) tire and c0 and c1 are the
coefficients of the tire load dependent characteristics.
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For theoretical analysis and control system design, this paper employs the linear two-wheel
vehicle model in planar motion. Assuming constant vehicle velocity V and small body side slip angle,
the governing equations of the lateral and yaw motion can then be expressed as follows
.
β = a11β+ a12r+ b11δ f + b12M, (6)
.
r = a21β+ a22r+ b21δ f + b22M (7)
where, β is the vehicle body side slip angle, δ f is the front steering angle, and M is the additional direct
yaw moment by transverse distribution of longitudinal tire forces. Here, the longitudinal tire forces
are not considered when determining the lateral forces (Equation (4)). Each coefficient in Equations (6)
and (7) can then be expressed as follows
a11 = − 2(K f+Kr)mV , a12 = −1−
2(l fK f−lrKr)
mV2 , b11 =
2K f
mV , b12 = 0,
a21 = − 2(l fK f−lrKr)Iz , a22 = −
2(l2fK f+l
2
rKr)
IzV , b21 =
2l fK f
Iz , b22 =
1
Iz .
2.2. Vehicle Parameters
The basic vehicle parameters for various loading conditions at the rear of the vehicle are shown in
Table 1. The loaded mass, ml , is varied from 0 to 80 kg.
Table 1. Vehicle parameter changes against various loading conditions. The stability factor A is defined
in Equation (10).
Description Parameter Unit 1 PersonUnloaded
1 Person
20 kg
Loaded
1 Person
40 kg
Loaded
1 Person
60 kg
Loaded
1 Person
80 kg
Loaded
Mass m kg 570 590 610 630 650
Front axle to CG Distance l f m 1.162 1.218 1.271 1.321 1.368
Rear axle to CG Distance lr m 0.938 0.882 0.829 0.779 0.732
Front tire cornering stiffness K f N/rad 10,775 10,541 10,304 10,064 9819
Rear tire cornering stiffness Kr N/rad 20,243 21,443 22,558 23,589 24,536
Yaw mass moment of inertia Iz kgm2 500 552 598 638 674
Stability Factor A s2/m2 0.0019 0.0018 0.0017 0.0015 0.0014
Based on the governing equations for the linear two-wheel vehicle model, Equations (6) and (7),
the steady-state gains from front steering angle to the yaw rate, and body side slip angle can be
calculated as follows
rst
δ f st
=
1
(1 + AV2)
V
l
, (8)
βst
δ f st
=
1− ml f2llrKrV2
(1 + AV2)
lr
l
(9)
where, l = l f + lr is the vehicle wheel base and the stability factor A is defined as
A = − m
2l2
l fK f − lrKr
K fKr
. (10)
The dependence of yaw rate and the body side slip angle gains on the vehicle velocity for the
loading conditions in Table 1 are shown in Figure 2a,b, respectively. Based on Figure 2, it is found that
the yaw rate gain for the loaded vehicle does not increase for low velocities but increases significantly
for velocities above 40 km/h. The side slip angle increases (in negative direction) for all vehicle
velocities because the loading condition shifts the center of gravity to rear and, therefore, the rear tire
needs more side slip angle to generate the force needed to balance the vehicle in steady-state cornering.
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This theoretical analysis shows that the driver must compensate the increase in yaw rate gain by a
reduction of the steering angle. The side slip angle gain is also increasing (in the negative direction).
Appl. Sci. 2019, 9, x FOR PEER REVIEW 6 of 30 
( )
2
2
1
2
1
f
st r r r
fst
ml
V
ll K l
lAV
b

−
=
+
 
(9) 
where, f rl l l= +  is the vehicle wheel base and the stability factor A  is defined as 
22
f f r r
f r
l K l Km
A
l K K
−
= − . (10) 
The dependence of yaw rate and the body side slip angle gains on the vehicle velocity for the 
loading conditions in Table 1 are shown in Figure 2a,b, respectively. Based on Figure 2, it is found 
that the yaw rate gain for the loaded vehicle does not increase for low velocities but increases 
significantly for velocities above 40 km/h. The side slip angle increases (in negative direction) for all 
vehi le velocities because the loading condition shifts the center of gravity to rear and, therefore, the 
rear tire needs more side slip angle to generate the force needed to balance the vehicle in steady-state 
cornering. This theoretical analysis shows that the driver must compensate the increase in yaw rate 
gain by a reduction of the steering angle. The side slip angle gain is also increasing (in the negative 
direction). 
 
(a) (b) 
Figure 2. Steady-state gains of (a) yaw rate and (b) side slip angle versus velocity for various loading 
conditions (at rear). 
Next, the frequency response of the vehicle yaw rate and lateral acceleration to front steering 
angle are determined and analyzed as shown in Figure 3. Assuming no additional direct yaw 
moment, the Laplace transformation of the governing equations of the linear two-wheel vehicle 
model gives the following transfer functions from the front steering angle to the yaw rate and the 
lateral acceleration, respectively: 
2
2 2
(0)( 1)( )
( ) 2
r r n
f n n
G T sr s
s s s
 
  
+
=
+ +
, (11) 
2 2
1 2
2 2
( ) (0) ( 1)
( ) 2
y r y y n
f n n
a s G V T s T s
s s s
 
  
+ +
=
+ +
 (12) 
where, each parameter can be determined as follows 
m
l
 larger 
m
l
 larger 
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conditions (at rear).
Next, the frequency response of the vehicle yaw rate and lateral acceleration to front steering
angle are determined and analyzed as shown in Figure 3. Assuming no additional direct yaw moment,
the Laplace transformation of the governing equations of the linear two-wheel vehicle model gives the
following transfer functions from the front steering angle to the yaw rate and the lateral acceleration,
respectively:
r(s)
δ f (s)
=
Gδr (0)(Trs+ 1)ω2n
s2 + 2ζωns ω2n
, (11)
ay(s)
δ f (s)
=
Gδr (0)V(Ty1s2 + Ty2s+ 1)ω2n
s2 + 2ζωns+ω2n
(12)
where, each parameter can be determined as follows
Gδr (0) =
V
l
(
1− m
2l2
l f K f −lrKr
K f Kr
V2
) , Tr = ml fV2lKr ,
ζ =
2(l2fK f+l
2
rKr)
IzV +
2(K f+Kr)
mV ,
ωn =
2l
V
√
K fKr(1+AV2)
mIz ,
Ty2 = Iz2lKr , Ty1 =
lr
V .
Based on Figure 3a,b it is found that the phase delay of both yaw rate and lateral acceleration
is increasing with the loading for all frequencies. Large phase delays are negative for the handling
dynamics in general but, in particular, the increase of the lateral acceleration phase delay will have
a detrimental effect on the responsiveness of the vehicle. Contrary to the steady-state gains above,
the gain amplitudes for higher frequencies are decreasing which is also increasing the variation of the
handling dynamics.
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2.3. Handling Quality Evaluation Using TB Factor
The objective and subjective handling quality evaluation is an important part of chassis control
development. There are a several studies regarding a suitable methodology to consi r the subjective
evaluatio by the driver of the vehicle responsiveness and controllability. According to Ab [25],
the vehicle motion respons time is an important veh cle dynam cs parameter for evalu tion f vehicle
contro lability. Lincke et al. proposed several handling quality evaluation methods [26]. Here the
handling quality of the vehicle is evaluated based on the performance index called “TB factor”. This
index combines the evaluation of both responsiveness (time to peak of the yaw rate response to steering
wheel angle step input) and controllability (steady-state side slip angle with respect to unit lateral
acceleration) into one index. According to driving simulator studies the handling quality becomes
worse with increasing value of the TB factor [26].
TB = tp
Gδβ(0)
Gδ..
y
(0)
, (13)
Gδβ(0)
Gδ..
y
(0)
=
lr
V2
(
1− ml f
2llrKr
V2
)
(14)
where, the time to peak of the yaw rate response can be calculated as follows
tp =
1
ωn
√
1− ζ2
(
pi − arctan
(√
1− ζ2ωnTr
1− ζωnTr
))
. (15)
Table 2 shows the values of representative vehicle dynamics parameters relevant to the handling
quality of the vehicle. Based on the values in Table 2 it can be concluded that the TB factor is increasing
with increasing load which implies worse handling quality.
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Table 2. Vehicle dynamics parameters related to handling quality evaluation.
Description Parameter Unit 1 PersonUnloaded
1 Person
40 kg
Loaded
1 Person
80 kg
Loaded
1 Person
100 kg
Loaded
Time to peak of yaw rate response tp sec 0.328 0.396 0.477 0.527
Absolute steady-state side slip
angle w.r.t. lateral acc.
Gδβ(0)
Gδ..
y
(0) deg/(m/s
2) 0.377 0.408 0.440 0.457
TB Factor TB sec 0.124 0.162 0.210 0.241
Natural frequency ωn Hz 1.048 0.198 0.812 0.764
Damping ratio ζ - 0.651 0.672 0.703 0.722
3. Design of the Direct Yaw Moment Control System
As stated earlier, and illustrated in the previous section, there is a need to compensate for
the influence of the loading condition on the vehicle dynamics characteristics using chassis control.
The control design should also adapt to various velocity conditions. Here, the chassis control system is
designed based on the configuration that the lightweight vehicle is equipped with in-wheel motors
that can generate the demanded yaw moment. According to the objectification of handling vehicle
dynamics in the previous study [7], it is important to improve the transient and the dynamic handling
performance but the need to compensate for the change of steady-state cornering characteristics is less
important because the driver can adapt to this change without major discomfort. Currently, constant
velocity driving maneuvers are considered and it is assumed that the yaw moment demanded by the
DYC system is obtained by the distribution of longitudinal tire forces on the rear axle. It is expected
that the DYC system is an effective chassis control method to enhance vehicle handling performance
even when the tire is not in the linear region [11,14,21–24].
To improve handling dynamics, the structure of a yaw rate model following DYC, as shown in
Figure 4, consists of a feed-forward compensation with respect to the front steering angle and a yaw
rate feedback compensation as the following equation.
MDYC(s) = MFF + MFB = G
δ
M(s)δ f (s) + krr(s). (16)
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3.1. Feed-Forward Control
Based on the Laplace transformation of governing equations of the linear two-wheel vehicle model,
including the additional direct yaw moment from the transverse distribution of the longitudinal tire
forces, the transfer function from front steering angle and yaw moment to yaw rate can be obtained:
r(s) = Gδr δ f (s) + G
M
r MDYC(s) (17)
where, each transfer function of vehicle yaw rate can be expressed as follows
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[Transfer function with respect to front steering angle input]
Gδr (s) =
aδ1s+ a
δ
0
s2 + bδ1s+ b
δ
0
, (18)
[Transfer function with respect to DYC input]
GMr =
aM1 s+ a
M
0
s2 + bM1 s+ b
M
0
. (19)
Each coefficient in Equations (17) and (18) can be expressed as follows
aδ1 =
2l fK f
Iz ,
aδ0 =
4lK fKr
mIzV ,
aM1 =
1
Iz ,
aM0 =
2(K f+Kr)
mIzV ,
bδ1 = b
M
1 =
2(K f+Kr)
mV +
2(l2fK f+l
2
rKr)
IzV ,
bδ0 = b
M
0 =
4K fKr l2
mIzV2
− 2(l fK f−lrKr)Iz .
As stated above, the primary control objective is to compensate for the deteriorated transient
yaw response, i.e., small natural frequency in the loaded vehicle condition leaving the steady-state
gain unaffected.
The desired yaw rate response, rm, to the front steering angle input is determined with a first-order
lag yaw rate model:
rm(s)
δ f (s)
=
Ge
τes+ 1
(20)
where Ge is the desired yaw rate gain and τe is the desired time constant.
To reduce the order of the transfer function of the controller, the second order transfer functions
Equation (17) of the yaw rate response to front steering angle and the yaw moment are approximated
to first order delay systems based on the asymptote of the yaw rate gain in the low and high
frequency regions:
Gδr (s) =
aδ1s+ a
δ
0
s2 + bδ1s+ b
δ
0
≈ G
δ
r (0)
τδr s+ 1
, (21)
GMr (s) =
aM1 s+ a
M
0
s2 + bM1 s+ b
M
0
≈ G
M
r (0)
τMr s+ 1
. (22)
The feed-forward compensator to make the vehicle yaw rate follows the desired yaw rate response
as indicated in Equation (19), and can be obtained using Equations (16)–(21) as follows
rm(s) = Gδr (s)δ f (s) + G
M
r (s)MDYC(s),
MFF(s) =
(
Ge(τMr s+ 1)
(τes+ 1)GMr (0)
− G
δ
r (0)
GMr (0)
(τMr s+ 1)
(τδr s+ 1)
)
δ f (s). (23)
Next, based on the analysis in the previous study [7], the control law in Equation (22) can be further
simplified as the time constant of the yaw rate response to yaw moment τMr , which is approximately
equal to the time constant of the yaw rate response to steering angle in the unloaded condition τδ0r , i.e.,
τe = τrδ0 ≈ τMr . The steady-state yaw rate gain compensation will not be fulfilled by the feed-forward
part of DYC system, i.e., Ge = Gδr (0). Then the resulting steering feed-forward compensation is
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GδM(s) ≈
Gδr (0)(τδr − τδ0r )
GMr (0)
s
τδr s+ 1
= KFF
s
TFFs+ 1
. (24)
Typical values for the controller gains and their dependency on the velocity are shown in Figure 5.
From the control law indicated in Equation (23), the direct yaw moment control input command
is proportional to the steering angular velocity cascading with the 1st-order low-pass filter which
effectively enhances the responsiveness of the vehicle yaw rate with respect to the driver steering
angle input.
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3.2. Feedback Control
The feedback control part of the proposed DYC system is proportional to the absolute vehicle
yaw rate. There are several ways to determine the value of yaw rate feedback gain. To make the
determination of the yaw rate feedback gain model-based and adaptable to various vehicle velocity
conditions, this paper selects a method that the yaw rate feedback gain kr is determined in a way that
the yaw rate gain of the controlled vehicle with respect to the steering angle matches the one in the
case of unlo ded vehicle. This means that DYC system will affect the v hicle motion in the way that
the yaw rate gain, with respect to the st ering ngle, will b suppress d, resulting in improved v hicle
stability. The yaw rate gain of th controlled vehicle with respect to the steering angle ca be computed
from the linear vehicl model as indicated in the following equa ion.
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GDYC(0) =
rDYC(0)
δ f (0)
=
a21b11 − a11b21
a11(a22 + b22kr)− a12a21 . (25)
Next, the yaw rate gain of the unloaded vehicle as the desired vehicle yaw rate can be calculated
as indicated in the following equation.
Gdes(0) =
rdes(0)
δ f (0)
=
a′21b
′
11 − a′11b′21
a′11a
′
22 − a′12a′21
(26)
where, the coefficients a′ij and b
′
ij are determined from the unloaded condition vehicle parameters.
By allowing the yaw rate gain in both equations to be equal to each other, the yaw rate feedback gain
can be theoretically calculated as indicated in the following equation.
kr =
(
a′11a
′
22 − a′12a′21
a′21b
′
11 − a′11b′21
− a11a22 − a12a21
a21b11 − a11b21
)
a21b11 − a11b21
a11b22
. (27)
By substituting all coefficient values, the yaw rate feedback gain can be expressed by the vehicle
parameters as the following equation.
kr = −
(
A′ − A)2l2K fKr
K f + Kr
V (28)
where, A and A′ indicate the vehicle stability factor, as defined by Equation (10), for loaded and
unloaded vehicles, respectively. Typical values for the yaw rate feedback gain and its dependency on
vehicle velocity is shown in Figure 6.
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3.3. Longitud nal Force Distribution
To generat th additional y w mo ent on the actual electric vehicle, the differential traction
forces must be exert d on the tires of a driven axle. With the adva t lectric vehicle with
in-whe l motors, the traction forces can be differentiated easily.
Consider the case of a re r wheel driven lectric vehicle with t e assumption that the driving
resistance is small. If the longitudinal acceleration given by driver com and input to the accelerator
input is given as ax, the governing equation of longitudinal dynamics Equation (1) can be expressed as
max = Fx3 + Fx4. (29)
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The yaw moment control input from the controller is given as follows
MDYC =
lw
2
(Fx4 − Fx3) (30)
where lw indicates the vehicle tread width. By rearranging Equations (29) and (30), the command
traction force of each tire can be calculated as follows
Rear left tire:
Fx3 =
max
2
− MDYC
lw
, (31)
Rear right tire:
Fx4 =
max
2
+
MDYC
lw
. (32)
4. Frequency Response of Vehicle Handling Dynamics
This section shows a theoretical analysis of the effect of the DYC input on the vehicle lateral motion
compared to the case without control for the loaded vehicle. As the baseline reference, the frequency
response of the vehicle lateral motion for the vehicle without loading will also be shown to confirm
the performance of the controller to maintain the handling dynamics of the vehicle. By substituting
the equation of the DYC control law into the equations of lateral and yaw motions and then using
Laplace transformation with zero initial condition, the transfer function from the front steering angle
to the yaw rate, the body side slip angle, and the lateral acceleration, in the case of the vehicle
equipped with the proposed DYC system, as indicated in the previous section, can be calculated as the
following equations.
r(s)
δ f (s)
=
A2s2 + A1s+ A0
(TFFs+ 1){s2 + (−a11 − a22 − hkr)s+ a11(a22 + hkr)− a21a12} , (33)
β (s)
δ f (s)
=
B2s2 + B1s+ B0
(TFFs+ 1){s2 + (−a11 − a22 − hkr)s+ a11(a22 + hkr)− a21a12} , (34)
ay (s)
δ f (s)
= V
(
s · β (s)
δ f (s)
+
r (s)
δ f (s)
)
(35)
where each coefficient can be described as follows
A0 = a21b11 − a11b21,
A0 = a21b11 − a11b21,
A1 = b21 + (a21b11 − a11b21)TFF − a11hKFF,
A2 = b21TFF + hKFF,
B0 = a12b21 − (a22 + hkr)b11,
B1 = b11 + {a12b21 − (a22 + hkr)b11}TFF + a12hKFF,
B2 = b11TFF.
Here, if we set the values of feed-forward and feedback compensators KFF, TFF, and kr to zero,
then the transfer function of the case without control can be achieved. By substituting the key vehicle
dynamics parameters in the case of unloaded vehicle and the loaded vehicle, the transfer function
of lateral vehicle dynamics can be obtained. As an example of theoretical analysis on the controller
performance, the constant vehicle velocity is set to 80 km/h and the loading condition in the rear is
80 kg. Under this condition, the frequency responses of the yaw rate, the body side slip angle, and the
lateral acceleration, with respect to the front steering angle of three cases, (1. Unloaded/without DYC,
2. Loaded/without DYC, and 3. Loaded/with DYC) are shown in Figures 7–9, respectively.
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As can be noticed from the frequency response plots shown in Figures 7–9, in the case of the
loaded vehicle without direct yaw moment control, the phase delay of the vehicle response is larger
than the other cases. This corresponds to bad responsiveness of the vehicle motion with respect to the
steering maneuver. Next, in the low frequency region, the steady-state gain of the vehicle response in
the case of the loaded vehicle without direct yaw moment control is larger when compared with the
case of the unloaded vehicle. This means that the sensitivity of vehicle motion to the steering angle
is getting higher, which may lead to unstable vehicle motion in high speed region. In contrast, by
applying direct yaw moment control to the loaded vehicle, the phase delay problem can be improved,
and the excessive vehicle response gain to the steering angle can also be effectively compensated by
the proposed DYC. In addition, it is verified that the proposed DYC can maintain the vehicle handling
dynamics to be insensitive to the loading condition as it still makes the response of the loaded vehicle
close to that of the unloaded vehicle.
5. Simulation Results
This section describes the effectiveness of the proposed DYC system for compensating the
handling dynamics characteristics of the loaded vehicle. Simulations are conducted both for the
open-loop response as well as the closed-loop maneuvering with a human driver model. Generally,
the open-loop test is conducted using a predetermined steering maneuver to observe the responsiveness
of the vehicle, while the closed-loop test based on a driver model is conducted to observe the handling
quality of the vehicle.
5.1. Open-Loop Test
The open-loop test is conducted with a one-period sinusoidal steering maneuver with a frequency
of 0.5 Hz and an amplitude of pi/4 rad. The vehicle conditions are (1) unloaded vehicle without DYC
(baseline), (2) 80-kg loaded vehicle without DYC, and (3) 80-kg loaded vehicle with DYC. The constant
vehicle velocity is set to 80 km/h. The time history of steering wheel angle, yaw rate, body side
slip angle, lateral acceleration, and yaw moment control input (DYC input) are shown in Figure 10.
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The vehicle trajectory is shown in Figure 11, and the Lissajous diagram of the steering wheel angle and
the yaw rate is shown in Figure 12.
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As can be noticed from Figure 10, the vehicle response of the 80-kg loaded vehicle without DYC
becomes worse, as the phase delay of yaw rate, side slip angle, and lateral acceleration, with respect to
the steering wheel angle, become larger, compared to the case of the unloaded vehicle. In addition,
the gain of vehicle behavior with respect to the steering wheel angle becomes larger. In contrast,
when the proposed DYC is applied, the phase delay becomes smaller in the same level as the case of
unloaded vehicle and the vehicle behaves in the same manner of unloaded vehicle, thus the controller
performs as expected. This means that the vehicle becomes insensitive to the loading condition. Next,
as can be confirmed from the vehicle trajectory in Figure 11 and the Lissajous diagram in Figure 12,
the loaded vehicle with DYC activated behaves in the same manner as the unloaded vehicle, whereas
the loaded vehicle without DYC moves in different trajectory with maximum deviation of ~0.5 m
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compared to the unloaded vehicle. Small differences between the loaded vehicle with DYC and the
unloaded vehicle can be observed here, showing that the sensitivity to the loading condition is not
perfectly compensated. This is due to nonlinearity in the vehicle dynamics and tire model. This can
be improved by tuning the feedback compensator in order to compensating the nonlinearity of the
vehicle dynamics.
5.2. Closed-Loop Test
The double-lane change maneuver is used in the closed-loop test to show the effectiveness of the
proposed DYC system with human driver model in the loop. A 1st-order preview-predictive driver
steering model is used to conduct the lane change maneuver, see Figure 13. The driver model in lane
tracking control can be expressed as follows
δsw =
hd
Trs+ 1
[
yOL −
(
yc + TpVψ
)]
(36)
where, hd denotes the driver corrective steering gain, Tr denotes the driver model steering delay time
constant, yOL denotes the desired preview lateral displacement, yc denotes the current vehicle lateral
displacement, Tp denotes the driver model predictive time, and ψ denotes the current vehicle yaw
angle with respect to the desired lane.
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The driver model with the control l ) is used to track target course. The target course can
be expressed as the foll wing equations, t e plot of the course is shown in Figure 14.
y =

3.5
2
[
1 + tanh
{ 2
30pi
(
x− X1 − 302
)}]
(x < X1 + 42.5)
3.5
2
[
1− tanh{ 225pi(x− X2 − 252 )}](x ≥ X1 + 42.5) (37)
where, X1 and X2 are the positions where the lane change is conducted at the first half and the second
half, respectively. Here, in the simulations, X1 is set to 35 m and X2 is set to 90 m.
The simulations are conducted in same three conditions as in the previous section. The loading
conditions, control conditions, and the parameters of the driver model are summarized in Table 3.
The vehicle velocity is 80 km/h constant. The driver model parameters are set in the way that the
resulted vehicle trajectory of all three conditions are almost the same, considering the adaptation
behavior of the driver according to McRuer crossover model [27]. The steering gain, hd, and the driver
steering delay time constant, Tr, are set to smaller values in the case of loaded vehicle without DYC.
According to Abe’s findings [25], smaller values of driver steering delay time constant mean that the
driver has to control the vehicle along the target course in a more stressful manner corresponding to
the lower handling quality evaluation.
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Table 3. Experimental conditi s of vehicle and driver.
Description LoadingCondition (kg)
Control
Condition
Steering
Gain (rad/m)
Driver Steering
Delay Time
Constant (s)
Preview
Time (s)
Symbol ml - hd Tr Tp
Condition A 0 W/O Control 0.50 0.15 1.0
Condition B 80 W/O Control 0.45 0.10 1.0
ondition C 80 W/DYC 0.50 0.15 1.0
The time history of the steering wheel angle, yaw rate, body side slip angle, lateral acceleration,
and yaw moment control input are shown in Figure 15. The vehicle trajectory and Lissajous diagram
of the steering wheel angle and yaw rate are shown in Figures 16 and 17, respectively.
As can be noticed from Figure 15, in the case of the loaded vehicle without DYC, the overall
amount of steering wheel angle required for the maneuver becomes larger, the stability of the vehicle
becomes worse and, as seen in the previous section, the amping behavior of the vehicle is also worse.
This implies the difficulty in vehicle course tracking control in the case of loaded vehicle. On the other
hand, the proposed DYC can keep the vehicle behavior (Figure 15) as well as the vehicle trajectory,
as shown in Figure 16, during the double-lane change maneuver to be almost the same as the unloaded
vehicle (baseline condition), which means that the vehicle with DYC is insensitive to the loading
condition. Finally, as can be noticed from the Lissajous diagram in Figure 17, in the case of loaded
vehicle without DYC, a large steering wheel angle is needed to track the course. When compared with
the case of unloaded vehicle and the case of loaded vehicle with DYC, the residual yaw rate of loaded
vehicle without DYC when the steering wheel angle is back to the neutral position is large and there
are many large whirls in the diagram of loaded vehicle without DYC, which corresponds to more
difficulty in controlling the vehicle to track the target double-lane change course.
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6. Experimental Study Using a Driving Simulator
This section describes the experimental study of the proposed DYC for enhancing handling
dynamics in a double-lane change maneuver using a fixed-base driving simulator.
6.1. Experimental Condition
The double-lane change course shown in Figure 18, which is equivalent to emergency maneuver
for collision avoidance, is used for conducting the experiment. The vehicle velocity is set to 80 km/h
constant. Ten drivers were employed to drive through the set driving course and evaluate the handling
quality of the vehicle in the case of (1) unloaded vehicle condition, again as a baseline, (2) without
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control in 80-kg loaded vehicle condition, and (3) with the proposed DYC system in 80-kg loaded
vehicle condition. The software IPG Carmaker® is used to visualize the vehicle motion simulation.
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6.2. val atio ethod
The rf r a ce indicator for the system validation is roposed in two categorie . First,
the ev luatio indicator related to the vehicle collision avoidance performance—EAPI (Emergency
Avoidance Perfor I ext, to evaluate the overall performance of the
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• Emergency Avoidance Performance Index, (EAPI):
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• Driver model steering operation 1st-order delay time constant Tr [25]:
Generally the driver model parameter is affected by the vehicle dynamics characteristics, as the
driver has adaptation characteristics according to McRuer crossover driver model description [28].
If the vehicle has good responsiveness with respect to the steering angle, the driver can be in a relaxed
mood and his/her time constant Tr increases. On the other hand, if the vehicle has bad responsiveness,
the driver has to concentrate to control the vehicle; hence the handling quality from the driver’s
viewpoint deteriorates. Here, the paper will use the identified parameter in a specific driving scenario
to discuss about the handling quality in a quantitative way. The driver model steering operation
delay time constant Tr can be identified from the measured data of the lane change experiment.
The procedure of the calculation of the parameter Tr can be expressed as follows.
From Equation (36), the relationship between the driver steering wheel angle and the vehicle
motion can be rewritten as follows
(Trs+ 1)δsw(s) = hd
{
yOL(s)−
(
yc(s) + TpV(s)ψ(s)
)}
. (39)
Here, from the measurement data of steering wheel angle δ∗sw, the lateral displacement y∗c ,
the constant vehicle velocity V∗, the vehicle yaw angle ψ∗, and the deviation e between the actual
steering wheel angle and the predicted steering wheel angle from the vehicle motion exists as the
following equation.
e(s) = (1 + Trs)δ∗sw(s) + hd(yc∗(s)− yOL(s)) + hdTpV∗(s)ψ∗(s). (40)
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However, the parameters Tr, hd, and Tp can be set to minimize this deviation, the parameter set
which gives the minimum steering deviation is treated as the driver individual parameter set. Take the
Inverse Laplace transformation of Equation (40), the following expression can be obtained.
e(t) = δ∗sw + Tr
dδ∗sw
dt
+ hd(y∗ − yOL) + hdTpV∗ψ∗. (41)
Next, the following cost function J, as the integral square of the deviation of the steering wheel
angle with respect to the predicted value, is set to identify the driver model parameters Tr, hd, and Tp.
J =
∫ T
0
e2dt =
T∫
0
[
δ∗sw + Tr
dδ∗sw
dt
+ hd(y∗ − yOL) + hdTpVx∗ψ∗
]2
dt. (42)
Then, by the following calculation process, the driver model parameters Tr, hd, and Tp are
determined to minimize the cost function J.
∂J
dTr
= 0,
∂J
dhd
= 0,
∂J
d(hdTp)
= 0, (43)
 Trhd
hdTp
 = −Adriver−1Bdriver (44)
where, the matrices Adriver and Bdriver are calculated from the collected measurement data in discrete
form as follows
Adriver =
 ∑
(
dδ∗sw
dt
)2
∑ (y∗ − yOL) dδ
∗
sw
dt ∑
dδ∗sw
dt V
∗ψ∗
∑ (y∗ − yOL) dδ
∗
sw
dt ∑(y
∗ − yOL)2 ∑ (y∗ − yOL)V∗ψ∗
∑ dδ
∗
sw
dt V
∗ψ∗ ∑ (y∗ − yOL)V∗ψ∗ ∑(V∗ψ∗)2
, (45)
Bdriver =
 ∑ δ∗sw
dδ∗sw
dt
∑ δ∗sw(y∗ − yOL)
∑ δ∗swVψ∗
. (46)
6.3. Results
As a representative example of the driving experiment, Figure 19 shows the time history result of
double-lane change maneuver in the case of the unloaded vehicle and the loaded vehicle without and
with the DYC system. Figure 20 shows the trajectory of vehicle, and Figure 21 shows the Lissajous
diagram of the steering wheel angle and the yaw rate. In the case of the loaded vehicle without DYC,
it is difficult for the drivers to control vehicle to track the lane change path as the corrective steering
operations are large and the vehicle stability is worse, especially in the latter half of the maneuver.
With the DYC system, the vehicle stability is significantly improved and the driver can control the
vehicle to track the path in the same manner as with the unloaded vehicle. This verifies that the
proposed DYC can modify the steering response of the loaded vehicle to be similar to the response
of the unloaded vehicle. These results show that the handling dynamics with the DYC system is less
sensitive to the loading condition and, consequently, the handling quality is also improved.
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6.4. Discussions
In this sub ection, the validation ehicle handling quality improvem nt in terms of the
vehicle dynamics, as indicated by the key erformance indicator called EAPI (Emergency Avoidance
Performance Index) and the driver model parameter, as the driver steering operation delay time
constant, Tr, are discussed.
As can be noticed from Figure 22, it is found that the values of EAPI of all subject drivers become
significantly smaller in the case of the loaded vehicle with DYC compared to the case of without DYC.
Comparing the values in the case of the unloaded vehicle (baseline) and the case of DYC for the loaded
vehicle, the values of EAPI became smaller or are maintained in the same level when the proposed
DYC is applied.
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As shown in Figure 23, the value of the driver steering delay time constant of the subject drivers,
except for driver S3, is larger in the case of the loaded vehicle with DYC compared to the case of
without DYC. This can be interpreted in the way that in the case of the loaded vehicle without control,
the subject drivers controlled the vehicle in a stressful manner to trace the double-lane change path.
On the other hand, when the proposed DYC is applied, the driver could control the vehicle to trace the
double-lane change path in a more relaxed state, as the vehicle handling quality is effectively enhanced
by the proposed DYC from the objectification method based on the driver model.
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7. Conclusions
This paper first illustrates the change of handling dynamics of a 500-kg class lightweight vehicle
under various loading conditions. It is shown that loading at the rear end of the vehicle does not
affect the handling dynamics much at low speeds, but for velocities above 40 km/h, the handling
dynamics are affected; steady-state gain of yaw rate and lateral acceleration became higher and the
responsiveness and controllability in the transient state became worse, as indicated by the TB factor
performance index [26]. A Direct Yaw Moment Control (DYC) system is proposed to make the loaded
vehicle cohere to the response of the unloaded vehicle. The theoretical analysis of the effect of the DYC
system confirms that the increase of the steady-state gain and the phase delay seen for the loaded
vehicle is reduced significantly by the DYC system. In a similar way, the simulations of the single lane
change maneuver confirms the improved responsiveness of the vehicle while the simulations of the
double-lane change maneuver using a 1st-order preview-predictive driver steering model confirms the
effectiveness of the DYC system to support tracking control. Altogether, it is verified in simulations
that the DYC can enhance the vehicle handling dynamics of the loaded vehicle. Furthermore, based on
the evaluation in the experimental study of the double-lane change maneuver with human driver in
the loop, it is concluded that the collision avoidance performance, measured by the key performance
indicator EAPI, is maintained at the same level for the loaded vehicle with DYC compared to the
unloaded vehicle. In the same way, when the proposed DYC is applied, the human driver can control
the vehicle to trace the double-lane change path in a more relaxed state compared to the case without
DYC, indicated by an increase of the estimated driver model steering time delay constant.
In future work, the performance sensitivity of the developed DYC system to uncertainties in the
internal vehicle model parameters will be investigated and the necessary countermeasures will be
implemented. The performance of the DYC system in other driving context will also be investigated,
e.g., the combination of the DYC system with regenerative braking when maneuvering during tight
Appl. Sci. 2019, 9, 1151 26 of 27
curve cornering which requires large lateral acceleration and simultaneous speed control. The long
term ambition is to implement the DYC system in an experimental vehicle to perform testing at the
proving ground.
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